
1. Introduction

The temperature control in the automotive cabin constitutes the 

main objective of the vehicle’s HVAC system. The search for 

thermal comfort increases the consumption of the air condition-

ing system and consequently the fuel consumption. The use of 

air conditioning leads to an increase in total fuel consumption of 

23 to 41% [1]. Additionally, in the United States alone, before 

2004 around 26 billion liters of fuel were used annually, to en-

sure passenger thermal comfort [2]. 

Some of the most commonly used criteria for evaluating 

thermal comfort, such as the predicted mean vote (PMV) and the 

percentage of dissatisfied people (PPD), use the thermal energy 

stored in the human body and individual metabolic rate as a ref-

erence for evaluation [3,4]. The PMV and PPD equations can be 

found in ISO 7730 standard [5]. Both PMV and PPD depend on 

the cabin temperature, which is why it is necessary to understand 

how the cabin temperature varies. 

In this sense, Shimizu et al. [6] investigated the transient 

thermal loads acting on the automotive cabin. In their article, 

they showed that in the air conditioning recirculation mode, the 

main thermal load is radiation, accounting for about 50% of the 

total. However, when air renewal is enabled, the main thermal 
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Nomenclature 

A – area, m2 

B – extinction coefficient 

C – specific heat at constant pressure, J/ (kg K) 

C – solar radiation factor 

h – enthalpy, J/kg 

H – heat exchange coefficient, W/(m² K) 

𝐼 ̇ – solar irradiance, W/m² 

k – thermal conductivity, W/ (m K) 

m – mass, kg 

�̇� – mass flow rate, kg/s 

n – rotation speed, rpm 

𝑁 – number 

𝑃 – pressure, Pa 

�̇� – thermal load, W 

𝑇 – temperature, oC 

𝑈 – overall heat transfer coefficient, W/(m² K) 

𝑌 – radiation ratio 

V – speed, km/h 

 

Greek symbols 

𝛼 – angle with the horizontal, rad 

𝛽 – solar angle, rad 

ϕ – relative humidity [%] 

𝜆 – plate thickness, m 

θ – angle of solar incidence, rad 

𝜌 – reflectivity coefficient 

𝜏 – transmissivity 

𝜔 – absolute humidity 

 

Subscripts and Superscripts 

𝑎𝑚𝑏  – environmental 

𝑎𝑝  – apparent 

𝑎𝑖𝑟  – air 

𝑎𝑡𝑚 – atmospheric 

𝑐  – clarity 

𝑐𝑎𝑏 – cabin 

𝑑𝑖𝑓 – diffuse solar radiation 

𝑑𝑖𝑟 – direct solar radiation 

𝑒 – external 

𝑒𝑒𝑣 – evaporator inlet 

𝑒𝑥𝑎 – exhaustion 

ℎ𝑣𝑎𝑐 – air conditioning system 

𝑖 – internal 

𝑖𝑛𝑑  – indirect solar radiation 

𝑙𝑎𝑡  – latent 

𝑙𝑣 – steaming 

𝑚𝑒𝑡 – metabolic 

𝑚𝑜𝑡  – engine 

𝑝  – people 

𝑟𝑒𝑓  – reflected solar radiation 

𝑟𝑒𝑛  – renovation 

𝑟𝑒𝑐  – recirculation 

𝑠 – saturation 

𝑠𝑒𝑣  – evaporator output 

𝑠𝑒𝑛  – sensitive 

𝑣𝑒𝑛𝑡 –ventilation 

𝑤 – water 

𝑧 – Zenith 

 

Abbreviations and Acronyms 

MARD– Mean Absolute Relative Deviation 

PMV – predicted mean vote 

PPD – percentage of dissatisfied people 
 

 

load to be countered is the ventilation thermal load, correspond-

ing to about 50% of the total. Michalek et al. [7] considered the 

energy balance in the automotive cabin as the sum of metabolic 

loads, loads that pass through the windows, and loads inside the 

vehicle, such as infiltration and engine loads. In their work, the 

energy balance was written considering the average temperature 

of the automotive cabin, and the comparison of the dynamic 

model with experimental results obtained good proximity. 

Khayyam et al. [8] described in their work the modeling of the 

automotive cabin as a function of the thermal loads acting on it. 

In their work, they considered the metabolic thermal loads, di-

rect solar radiation, diffuse solar radiation, reflected solar radia-

tion, environmental radiation, exhaust system load, motor load, 

ventilation load, and HVAC load. Jha et al. [9] proposed in their 

model that the main thermal loads are solar radiation, infiltration 

thermal load, fan motor thermal load, internal combustion en-

gine thermal load, floor load, and metabolic thermal load. The 

method used by Jha et al. [9], as well as by Khayyam et al. [8] 

to calculate solar radiation is presented in the ASHRAE hand-

book [10]. In the study of Khayyam et al. [8], the model is used 

in conjunction with an energy management system achieving 

a 47% reduction in energy consumption. In the research pre-

sented by Jha et al. [9], the model is validated in a wind tunnel 

and steady-state conditions, with the largest difference between 

predictions and experimental results being 15%. 

Marcos et al. [11] calculated the metabolic thermal load us-

ing the ISO 7730 standard. The window thermal load was deter-

mined by adding the thermal loads that entered through convec-

tion due to the temperature difference between the glass and the 

cabin air. The authors found the temperature of the glass by per-

forming thermodynamic balance on it, considering a steady 

state. In their model, the authors considered that the energy frac-

tion that enters through the opaque lateral and rear parts of the 

vehicle is negligible compared to the thermal load that enters 

through the windows. They validated the presented model using 

experimental data measured in a BMW series 1 with different 

types of occupancy and speed, and the largest difference be-

tween experimental results and simulations was 4.6°C. Tor-

regrosa-Jaime et al. [12] presented a similar work, where they 

developed and validated a thermal model for an ALTRA Daily 

electric van. 
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Fayazbakhsh and Bahrami [13] described a transient thermal 

model of the automotive cabin, similar to the one presented by 

Khayyam et al. [8]. They calculated the direct, diffuse, and re-

flected incident radiation using the method proposed by 

ASHRAE [10] and determined the enthalpies of humid air using 

the equations presented by Wilhelm [14]. Their work showed 

that the thermal loads from reflected radiation, the engine, and 

the exhaust were negligible, while the thermal loads from direct 

radiation and ventilation had the most significant impact on the 

total thermal load of the cabin. 

Lee et al. [15] proposed a transient model to predict the in-

ternal temperature of a car cabin. The model assumed that the 

air properties inside the cabin are spatially uniform, the thermal 

load of passengers is 158 W per person, heat exchange by radi-

ation between internal components of the cabin is negligible, the 

heat transfer coefficient between the cabin and the environment 

is calculated as a function of vehicle speed, and thermal loads 

from the floor and trunk are negligible. The authors also consid-

ered that the transmissivity and absorptivity properties are de-

pendent on the angle of incidence of the radiation and modeled 

these properties according to the ASHRAE [16]. They validated 

the model in a climate chamber with a roller dynamometer, and 

the deviation between the model results was 5%. Finally, the au-

thors used the model to simulate modifications in the vapor com-

pression cycle and compared the performance of the air condi-

tioning system operating with the refrigerants R134a, R152a, 

R444A, R445A, and R1234yf, with the latter being the best-per-

forming fluid. Selow et al. [17] presented a similar work, includ-

ing a model of the car cabin in the air conditioning system, but 

they used an empirical model for the car cabin. 

Due to new vehicle technologies such as electric or hybrid 

cars, it becomes necessary to understand how the various sys-

tems that compose them affect the consumption of electrical en-

ergy by the vehicle and how this impacts the used battery. In this 

sense, the works of Ramsey et al. [18], and Liu and Zhang [19] 

address the thermal modeling of the automotive cabin, focusing 

on how the HVAC system impacts the vehicle's energy con-

sumption. For larger vehicles, the same thermal loads act upon 

them. However, considering the properties of air as homogene-

ous throughout the entire vehicle is not possible. In this regard, 

Delgado et al. [20] studied the thermal modeling of a bus and 

obtained results for separate regions between passengers and the 

driver. 

As regards the finite volume technique, it has a relatively 

high computational cost compared to the concentrated parame-

ter model used in the aforementioned works. There are many 

studies using the finite volume simulation approach [2123]. 

The use of finite volume techniques for thermal modeling of en-

vironments in many situations is due to the lack of knowledge 

of the equations that model a given process. For example, a ther-

mal model of the automotive cabin that considers the inflow 

temperature through the HVAC system analytically was found 

only in Ramsey´s work [18] and it utilizes the entropy infor-

mation at the inlet and outlet of the evaporator to calculate the 

evaporator's outlet temperature.  

Therefore, this study not only thermally models the cabin but 

also adds a methodology for calculating the inflow air tempera-

ture in the cabin, as a function of sensitive heat, latent heat, evap-

orator input temperature, absolute humidity, enthalpy, and spe-

cific heat. This approach allows the modeling of the temperature 

at the evaporator outlet considering a linear drop with its inlet. 

It serves as a temperature estimate for the calculation of the re-

frigerating thermal load. In the following chapter, the thermal 

model is presented, followed by a description of the apparatus 

and experimental conditions used for comparative analysis with 

experimental data. Next, the results are evaluated and discussed, 

and finally, the conclusions are drawn. 

2. Thermal model 

Geometrically, the automotive cabin was modeled in 10 parts: 

front panel and glass, right and left side panels, right and left 

side glass, roof, floor, rear panel, and rear glass. Figure 1 pre-

sents the modeling of the car separated into opaque and translu-

cent parts. The car parts were used in the thermal load calcula-

tions and the individual areas are represented in Table 1. 

To quantify the thermal loads inside the cabin, knowledge of 

the dimensions of each region and, also, of the properties of the 

materials is necessary. Table 1 shows the area, surface inclina-

tion relative to the horizontal, and transmissivity of the glass, 

which were obtained based on the SpaceFox vehicle used in the 

model validation. 

 

Fig. 1. Automotive cabin regions. 

Table 1. Geometric model information. 

Surface 
Area 
[m²] 

Inclination 
[deg] 

Transmissivity 

Front glass 0.936 30 0.78 

Left side glass 0.7339 80 0.36 

Right side 
glass 

0.7339 80 0.36 

Rear window 0.576 30 0.78 

Roof 3.6  − − 

Right panel 3.26 − − 

Left panel 3.26 − − 

Front panel 0.66 − − 

Floor 3.6 − − 

Rear panel 0.66 − − 
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This model considers 9 types of thermal loads acting on the 

cabin. These include the metabolic thermal load (�̇�𝑚𝑒𝑡), direct 

solar radiation thermal load (�̇�𝑑𝑖𝑟), diffuse solar radiation ther-

mal load (�̇�𝑑𝑖𝑓), reflected solar radiation thermal load (�̇�𝑟𝑒𝑓), 

internal combustion engine thermal load (�̇�𝑚𝑜𝑡), exhaust system 

thermal load (�̇�𝑒𝑥𝑎), environmental thermal load (�̇�𝑎𝑚𝑏), venti-

lation thermal load (�̇�𝑣𝑒𝑛𝑡), and HVAC system thermal load 

(�̇�ℎ𝑣𝑎𝑐). The variation of the cabin's average temperature (𝑇𝑐𝑎𝑏) 

over time can be calculated as a function of the sum of the ther-

mal loads entering the cabin:  

 

 𝑚𝑐𝑎𝑏 ⋅ 𝑐 ⋅
𝑑𝑇𝑐𝑎𝑏

𝑑𝑡
= �̇�𝑚𝑒𝑡 + �̇�𝑑𝑖𝑟 + �̇�𝑑𝑖𝑓 + �̇�𝑟𝑒𝑓 + �̇�𝑎𝑚𝑏 + �̇�𝑒𝑥𝑎 + �̇�𝑚𝑜𝑡 + �̇�𝑣𝑒𝑛𝑡 − �̇�ℎ𝑣𝑎𝑐, (1) 

 

where mcab represents the total mass of the cabin and c denotes 

its specific heat. However, the temperature of the solid elements 

inside the cabin differs from the average air temperature. The 

mass of the solid elements in the cabin and the thermal proper-

ties of the materials allow separate balancing of the heating (or 

cooling) of these elements over time and the calculation of their 

temperature change, and thus the accumulated heat. 

The main simplifications made in the developed model are: 

 The cabin mass (𝑚𝑐𝑎𝑏) is the sum of the air mass and the 

mass of seats. 

 The specific heat capacity of the cabin (c) is the average 

between the specific heat capacity of the air and that of the 

seats. 

 The energy exchanged through radiation and convection 

between the internal components of the cabin, air, and seats 

is negligible. 

 Relative humidity at the evaporator outlet is equal to 0.9. 

The calculation results were compared with experimental data. 

2.1. Metabolic thermal load 

The metabolic thermal load is the thermal load originating from 

the passengers occupying the automotive cabin. It can be deter-

mined based on the height and weight of the occupants as men-

tioned by Fayazbakhsh and Bahrami [13], but the value per per-

son is around 100 W [10] and this value is adopted in the present 

model. The total metabolic thermal load is given by: 

 �̇�𝑚𝑒𝑡 = 𝑁𝑝 ⋅ 100, (2) 

where 𝑁𝑝  represents the number of occupants in the cabin. 

2.2. Direct solar radiation thermal load 

The direct solar radiation thermal load (�̇�𝑑𝑖𝑟) is expressed as: 

 �̇�𝑑𝑖𝑟 = ∑(𝐼�̇�𝑖𝑟 ⋅ 𝜏 ⋅ 𝐴), (3) 

where A denotes the surface area of the car part described in Ta-

ble 1, and 𝐼�̇�𝑖𝑟  is the direct solar irradiance. The portion of the 

radiation transmitted to the cabin must take into account the 

transmissivity (τ) of the material. The transmissivity of the glass 

was determined according to the instructions provided in the 

ASHRAE handbook [16], and its methodology has been evalu-

ated in the work of Lee et al. [15]. The direct solar irradiance is 

calculated based on the apparent solar irradiation (𝐼�̇�𝑝), the ex-

tinction coefficient (B), the zenith angle (𝜃𝑧), and the solar angle 

(β), according to the equation: 

 𝐼�̇�𝑖𝑟 = 𝐼�̇�𝑝 ⋅ 𝑁𝑐 ⋅ e(−𝐵⋅sen(𝛽 )), (4) 

where β is the solar elevation angle (Fig. 2) measured between 

the sun's rays and the horizontal at the point of incidence and 𝑁𝑐 

represents the clarity number. Parameter sen(𝛽) allows the cal-

culation of 𝐼�̇�𝑖𝑟  to vary depending on the position of the sun in 

relation to the angle of incidence. The zenith angle (𝜃𝑧) is the 

angle between the sun's rays and the normal to the surface 

(Fig. 2). The extinction coefficient (B) and the apparent solar ra-

diation (𝐼�̇�𝑝) were determined according to ASHRAE [10] for 

all months of the year 1964 in the USA. The value of the extinc-

tion coefficient was researched by Horvath [24] and in this work, 

a value of 0.15 is considered. The value of apparent solar radia-

tion (𝐼�̇�𝑝) accepted varies from 1367 W/m² to 1413 W/m² [25]. 

In this study, a value of 1413 W/m² is used. The clarity number 

(𝑁𝑐) was determined in the ASHRAE handbook [26], and it is 

reasonable to consider it equal to 1. 

2.3. Diffused solar radiation thermal load 

Diffuse solar radiation is part of the radiation that indirectly 

strikes the surface of the automobile. It is calculated by multi-

plying the surface area by the indirect solar irradiance (𝐼�̇�𝑛𝑑):  

 �̇�𝑑𝑖𝑓 = ∑(𝐼�̇�𝑛𝑑 ⋅ 𝜏 ⋅ 𝐴). (5) 

Diffuse solar radiation can be broken down into components 

that strike vertical and non-vertical surfaces. For vertical sur-

faces, it is necessary to calculate the ratio (Y) of the diffuse sky 

radiation to the surface radiation [10]: 

 𝑌 = 0.55 + 0.437 cos(𝜃𝑧) + 0.313cos2(𝜃𝑧),    for cos(𝜃𝑧) > −0.2,  

 𝑌 = 0.45𝛼,    for cos(𝜃𝑧) ≤ −0.2. 

 

Fig. 2. The zenith and incidence angles; adapted from [8]. 
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Further, 𝐼�̇�𝑛𝑑 depends on the solar radiation factor (C) and the 

angle the surface makes with the horizontal (𝛼). This yields for 

vertical surfaces: 

 𝐼�̇�𝑛𝑑 = 𝐶 ⋅ 𝑌 ⋅ 𝐼�̇�𝑖𝑟 , (6) 

and for other surfaces: 

 𝐼�̇�𝑛𝑑 = 𝐶 ⋅ 𝐼�̇�𝑖𝑟 ⋅
(1+cos(𝛼))

2
. (7) 

2.4. Reflected solar radiation thermal load 

Reflected solar radiation is part of the radiation that strikes the 

surface of the automobile after being reflected by clouds, the 

ground, and the surrounding objects and may be expressed as: 

 �̇�𝑟𝑒𝑓 = ∑(𝐼�̇�𝑒𝑓 ⋅ 𝜏 ⋅ 𝐴), (8) 

where 𝐼�̇�𝑒𝑓 denotes the reflected solar irradiance, which depends 

on the direct solar irradiance and the ground reflectivity coeffi-

cient (𝜌): 

 𝐼�̇�𝑒𝑓 = 𝐼�̇�𝑖𝑟 ⋅ (𝐶 + sin(𝛽)) ⋅ 𝜌 ⋅
(1−cos(α))

2
. (9) 

The reflectivity coefficient ρ can be considered equal to 0.28 

second ASHRAE [10]. Parameter C can be determined accord-

ing to Table 7 of Chapter 30 of ASHRAE [10]. 

2.5. Environmental thermal load 

The environmental thermal load is calculated based on the tem-

perature difference between the cabin air (𝑇𝑐𝑎𝑏) and the ambient 

air (𝑇𝑎𝑚𝑏): 

 �̇�𝑎𝑚𝑏 = ∑(𝐴 ⋅ 𝑈 ⋅ (𝑇𝑎𝑚𝑏 − 𝑇𝑐𝑎𝑏)), (10) 

where U is the overall heat transfer coefficient, calculated as the 

inverse of thermal resistance. It considers the heat transfer coef-

ficient by convection of the internal cabin air (𝐻𝑖), the heat trans-

fer coefficient of the external cabin air (𝐻𝑒), the thermal conduc-

tivity of the surface (k), and its thickness (λ). The external heat 

transfer coefficient by convection can be determined from [27]: 

 𝐻𝑒 = 1.163 ⋅ (4 + 12 ⋅ 𝑉0.5), (11) 

where V represents the air velocity if the vehicle is stationary, or 

the speed of the automobile if it is in motion. The internal heat 

transfer coefficient can be calculated considering natural con-

vection inside the automotive cabin [28]. According to Creder 

[29], considering stationary air, the heat transfer coefficient var-

ies from 8.29 to 9.26 W/(m² K). In the present study, an average 

value of 8.77 W/(m² K) is considered. 

2.6. Exhaust thermal load 

Due to the temperature difference between the motor exhaust 

gases and the cabin, part of the energy is transferred to the cabin 

through the floor. Thus: 

 �̇�𝑒𝑥𝑎 = 𝐴𝑒𝑥𝑎 ⋅ 𝑈𝑒𝑥𝑎 ⋅ ( 𝑇𝑒𝑥𝑎 − 𝑇𝑐𝑎𝑏). (12) 

In the equation above, 𝐴𝑒𝑥𝑎 is the contact area between the 

cabin surface and the automobile exhaust pipe. The overall heat 

transfer coefficient 𝑈𝑒𝑥𝑎 can be calculated as the inverse of the 

thermal resistance between the exhaust pipe surface and the au-

tomobile cabin. The internal heat transfer coefficient to the cabin 

is calculated as described with regard to the calculation of the 

ambient thermal load (Eq. (10)). Finally, the temperature of the 

exhaust gases can be estimated as [8]: 

 𝑇𝑒𝑥𝑎 = 0.138 ⋅ 𝑛 + 63, (13) 

where n is the car engine's angular speed. 

2.7. Internal combustion engine thermal load 

The internal combustion engine reaches high temperatures, and 

as a result, heat transfer occurs to the cabin through the front 

surface (𝐴𝑚𝑜𝑡). The resulting thermal load is expressed by: 

 �̇�𝑚𝑜𝑡 = 𝐴𝑚𝑜𝑡 ⋅ 𝑈𝑚𝑜𝑡 ⋅ ( 𝑇𝑚𝑜𝑡 − 𝑇𝑐𝑎𝑏), (14) 

where 𝑈𝑚𝑜𝑡 represents the heat transfer coefficient from the en-

gine, which can be determined as the inverse of the thermal re-

sistance between the engine and the automotive cabin. The tem-

perature of the engine (𝑇𝑚𝑜𝑡) can be estimated as a function of 

its rotation speed [8]: 

 𝑇𝑚𝑜𝑡 = −2 ⋅ 10−6 ⋅ 𝑛2 + 0.0355 ⋅ 𝑛 + 77.5. (15) 

2.8. Ventilation thermal load 

When breathing, passengers release CO2 inside the cabin, there-

fore air renewal is required. There are different percentages of 

air renewal relative to the total air mass of the cabin for different 

automotive vehicles. A minimum of 13% of fresh air relative to 

the total cabin volume for one passenger and 48% of fresh air 

for four passengers is recommended [30]. 

The ventilation thermal load can be calculated as a function 

of the mass flow rate of ventilation air (�̇�𝑎𝑖𝑟) - a mixture of the 

mass flow rate of fresh air and recirculated air - and the differ-

ence in enthalpy between the air at ambient temperature (ℎ𝑎𝑚𝑏) 

and the air at cabin temperature (ℎ𝑐𝑎𝑏): 

 �̇�𝑣𝑒𝑛𝑡 = �̇�𝑎𝑖𝑟 ⋅ ( ℎ𝑎𝑚𝑏 − ℎ𝑐𝑎𝑏). (16) 

The enthalpy of the air in the cabin and also in the environ-

ment can be determined based on the temperature (T) and hu-

midity ratio (ω) [13]: 

 ℎ = (1.006 ⋅ 𝑇 + (2501 + 1.770 ⋅ 𝑇) ⋅ 𝜔) ⋅ 103, (17) 

 𝜔 = 0.62198 ⋅
𝜙⋅𝑃𝑠

𝑃−𝜙 ⋅𝑃𝑠
, (18) 

where 𝑃𝑠 is a saturation vapor pressure, 𝑃 is a pressure and 𝜙 is 

a relative humidity. The thermal load of ventilation carries both 

the latent heat and sensible heat components. The enthalpy of 

water vapor at temperature T can be evaluated according to Wil-

helm [31]: 

 ℎ𝑤 = (2502 +  1.775 ⋅ 𝑇) ⋅ 103. (19) 
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Knowing the enthalpies of water vapor at a given environment 

temperature (ℎ𝑤,𝑎𝑚𝑏) and the cabin temperature (ℎ𝑤,𝑐𝑎𝑏), and 

the mass flow rate of fresh air (�̇�𝑟𝑒𝑛), it is possible to calculate 

the latent heat and sensible heat that enters the cabin, respec-

tively: 

 �̇�𝑙𝑎𝑡 = �̇�𝑟𝑒𝑛 ⋅ ( ℎ𝑤,𝑎𝑚𝑏 − ℎ𝑤,𝑐𝑎𝑏), (20) 

 �̇�𝑠𝑒𝑛 =  �̇�𝑣𝑒𝑛𝑡 − �̇�𝑙𝑎𝑡. (21) 

2.9. HVAC thermal load 

The evaporator is responsible for discharging the total thermal 

load coming from the different sources previously mentioned. 

The heat removed by the evaporator ( �̇�ℎ𝑣𝑎𝑐) can be calculated 

by considering the mass flow rate of air that passes through it 

(�̇�𝑎𝑖𝑟), the specific heat of the air (𝑐𝑎𝑖𝑟), and the temperature 

difference of the air between the inlet (𝑇𝑒𝑒𝑣) and outlet ( 𝑇𝑠𝑒𝑣): 

 �̇�ℎ𝑣𝑎𝑐 = �̇�𝑎𝑖𝑟 ⋅ 𝑐𝑎𝑖𝑟 ⋅ (𝑇𝑒𝑒𝑣 − 𝑇𝑠𝑒𝑣). (22) 

The ambient temperature entering the evaporator is the 

weighted average of the fresh air (�̇�𝑟𝑒𝑛) and recirculated air 

mass flow rates (�̇�𝑟𝑒𝑐). Therefore: 

 𝑇𝑒𝑒𝑣 =
(�̇�𝑟𝑒𝑛⋅𝑇𝑎𝑚𝑏+�̇�𝑟𝑒𝑐⋅𝑇𝑐𝑎𝑏) 

�̇�𝑎𝑖𝑟
. (23) 

The absolute humidity entering the evaporator can be calcu-

lated as a weighted average between the fresh air and recircu-

lated air mass flow rates: 

 𝜔𝑒𝑒𝑣 =
(�̇�𝑟𝑒𝑛⋅𝜔𝑎𝑚𝑏+�̇�𝑟𝑒𝑐⋅𝜔𝑐𝑎𝑏)

�̇�𝑎𝑖𝑟
. (24) 

Figure 3 shows the schematic representation of the integra-

tion of the evaporator, the evaporator fan, and the air inlet and 

outlet. 

To calculate the evaporator outlet temperature and humidity, 

an energy balance is considered. Combining Eqs. (21), (22), and 

(24) the following is obtained: 

𝑇𝑠𝑒𝑣 = 𝑇𝑒𝑒𝑣 − ℎ𝑙𝑣 (
(�̇�𝑟𝑒𝑛𝜔𝑎𝑚𝑏+�̇�𝑟𝑒𝑐𝜔𝑐𝑎𝑏)

�̇�𝑒𝑎𝑖𝑟

− 𝜔𝑠𝑒𝑣)
�̇�𝑠𝑒𝑛

𝑐𝑎𝑖𝑟⋅�̇�𝑙𝑎𝑡
. (25) 

In this model, the relative humidity at the evaporator outlet 

(𝜙𝑠𝑒𝑣) is considered to be 0.9, and the absolute humidity in the 

cabin to be the weighted average between the ambient absolute 

humidity and the one supplied by the evaporator. The evaporator 

and cabin outlet humidities are given by, respectively: 

 𝜔𝑠𝑒𝑣 = 0.622 ⋅
𝑃𝑣

𝑃𝑎𝑡𝑚−𝑃𝑣
, (26) 

 𝜔𝑐𝑎𝑏 =
(𝜔𝑠𝑒𝑣⋅(�̇�𝑟𝑒𝑛 +�̇�𝑟𝑒𝑐)+𝜔𝑎𝑚𝑏⋅�̇�𝑟𝑒𝑛 )

�̇�𝑟𝑒𝑛 +�̇�𝑟𝑒𝑐
, (27) 

where 𝑃𝑣 is the vapor pressure and 𝑃𝑎𝑡𝑚 is the atmospheric pres-

sure. The saturation vapor pressure of water, 𝑃𝑣,𝑠, can be calcu-

lated using the classical Antoine equation [32]: 

 𝑃𝑣,𝑠 = 133.3 ⋅ 10
8.07131−

1730.63
(𝑇+233.426). (28) 

The relative humidity can be calculated as the ratio between 

the vapor pressure and the saturation vapor pressure. Therefore: 

 𝑃𝑣 = 𝜙𝑠𝑒𝑣 ⋅ 𝑃𝑣,𝑠. (29) 

3. Experimentation 

The tested vehicle was the 2013 white Volkswagen SpaceFox. 

It has a motor power of up to 101 horsepower (1.6 l) at 

5250 rpm, 4 cylinders with a displacement of 1598 cm3 and  

a compression ratio of 12.1:1. Figure 4 shows a photograph of 

the vehicle along with installed thermocouples and the notebook 

connected to the data acquisition board. 

Sixteen T-type thermocouples with an uncertainty of 0.5ºC 

were used to measure the temperature at various points inside 

the automotive cabin for sixteen operating conditions. The Na-

tional Instruments 9213 board was used for data acquisition, 

communicating with LabView software to read the thermocou-

ples. Two thermocouples were positioned on the front glass, two 

on the rear glass, two on the left and right-side glasses, two on 

the ceiling, two on the floor, one at the air diffuser outlet, two in 

the cabin interior, and one outside the car recording the ambient 

temperature. 

The thermocouples located inside the cabin were taken as  

a reference so that the average values between the two could be 

compared to the temperature predicted by the thermal model. 

The other thermocouples installed in different regions of the 

cabin were used to determine which surfaces undergo greater 

heating compared to the average of the internal thermocouples. 

 

Fig. 3. Evaporator air distribution box. 

 

Fig. 4. Experimental vehicle. 
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The air velocity of the inflow was measured using an ane-

mometer with an uncertainty of ± 0.3 m/s. Subsequently, the val-

ues were multiplied by the cross-sectional area of the evaporator 

(0.057375 m²) and by the density of the air, resulting in the mass 

inflow rates for the cabin. The expanded uncertainty calculation 

for the mass flow rate resulted in 0.0209 kg/s. The inflow mass 

rate values (�̇�𝑎𝑖𝑟) are presented in Table 2. 

The vehicle was tested when stationary and while moving at 

a speed of 20 km/h. During the operation, two people were in-

side the vehicle, one being the driver and the other responsible 

for data acquisition. Both occupants of the vehicle were seated 

in the front seats. The fan controller was operated in 4 positions, 

each corresponding to different evaporator fan speeds and con-

sequently different airflows. In all experiments, the pre-heater 

was not used, so that the temperature of the evaporator outlet 

was practically the same as that insufflated into the cabin. The 

air was blown towards the passengers from the front. The recir-

culation mode was also tested for each fan speed position. 

The experiments were divided into two different days. On 

day 290 of 2022 (October 17), the experiments with the station-

ary vehicle were conducted. On day 291 of 2022 (October 18), 

the experiment was carried out with the vehicle moving at  

a speed of 20 km/h. For both days, the local relative humidity 

was 60%. The remaining experimental data, such as the time of 

the experiment, insufflated air flow rate, initial ambient temper-

ature, initial cabin temperature, and engine rotation, are rec-

orded in Table 2. 

4. Results 

The data obtained from simulation and experimentation are 

compared. In addition, the Pearson correlation coefficient (r) 

and the Mean Absolute Relative Deviation (MARD) are pre-

sented, respectively: 

 𝑟 =
∑((𝑇𝑠𝑖𝑚−𝑇𝑠𝑖𝑚𝑚𝑒𝑎𝑛)⋅(𝑇𝑒𝑥𝑝−𝑇𝑒𝑥𝑝𝑚𝑒𝑎𝑛

))

√∑((𝑇𝑠𝑖𝑚−𝑇𝑠𝑖𝑚𝑚𝑒𝑎𝑛)
2

⋅(𝑇𝑒𝑥𝑝−𝑇𝑒𝑥𝑝𝑚𝑒𝑎𝑛
)

2
)

, (30) 

 MARD =
1

𝑁
⋅ ∑ |

𝑇𝑠𝑖𝑚(𝑖)−𝑇𝑒𝑥𝑝(𝑖)

𝑇𝑒𝑥𝑝(𝑖)
|, (31) 

where the subscripts sim and exp refer to simulated and meas-

ured values, respectively, and mean represents the mean differ-

ence. Parameter i denotes a data point number, and N is the total 

number of the data set points. 

The Pearson coefficient r varies from 1 to 1, indicating the 

strength and direction of the correlation between the variables. 

A value close to 1 indicates a strong positive correlation, mean-

ing that when one variable increases, the other also increases. 

A value close to 1 indicates a strong negative correlation, 

meaning that when one variable increases, the other decreases. 

A value close to 0 indicates a weak or absent correlation between 

the variables. The MARD parameter is used to evaluate the ac-

curacy of a model or simulation, focusing on the absolute mean 

difference between the data. 

Regarding the comparison between experimental data and 

simulation, the Pearson correlation coefficient remained in the 

range between 0.79 and 0.99. The mean absolute relative devia-

tion (MARD) between the experimental data reached its maxi-

mum of 17.73% (experiment 8), and its minimum of 1.05% (ex-

periment 1), as can be observed from the results shown in Ta-

ble 3. 

 

 

Table 2. Experimental conditions.  

Exp. Day Hour 𝑻𝒄𝒂𝒃 [°C] V [km/h] �̇�𝒂𝒊𝒓 [kg/s] �̇�𝒓𝒆𝒏 [%] 𝑻𝒂𝒎𝒃 [°C] 𝝓 𝒏 [rpm] 

1 290 13:37-13:47 25.2 0 0.154 26 26.0 0.6 1000 

2 290 13:59-14:09 23.0 0 0.223 26 25.0 0.6 1000 

3 290 14:17-14:27 24.3 0 0.305 26 27.2 0.6 1000 

4 290 14:49-14:59 23.2 0 0.389 26 28.8 0.6 1000 

5 290 15:09-15:19 23.9 0 0.154 15 25.8 0.6 1000 

6 290 15:27-15:37 24.5 0 0.223 10 24.8 0.6 1000 

7 290 15:45-15:55 25.2 0 0.305 7 28.2 0.6 1000 

8 290 16:01-16:11 25,0 0 0.389 6 26.7 0.6 1000 

9 291 13:14-13:24 24.6 20 0.154 26 24.7 0.6 1500 

10 291 13:32-13:42 26.9 20 0.223 26 26.5 0.6 1500 

11 291 13:52-14:02 25.2 20 0.305 26 25.0 0.6 1500 

12 291 14:14-14:24 25.0 20 0.389 26 26.6 0.6 1500 

13 291 14:33-14:43 25.5 20 0.154 15 25.3 0.6 1500 

14 291 14:53-15:03 26.0 20 0.223 10 26.1 0.6 1500 

15 291 15:15-15:25 26.0 20 0.305 7 28.4 0.6 1500 

16 291 15:40-15:50 25.8 20 0.389 6 24.5 0.6 1500 

 



de Paoli Mendes R., Garcia Pabon J.J., Moreira Duarte W., Machado L. 

 

126 
 

The comparative graphs between the model and experi-

mental data on the temperature inside the vehicle cabin are pre-

sented in Figs. 58. Figure 5 refers to the experiments of day 

290 with indexes 1 to 4 in Table 3. In these experiments, the 

vehicle was stationary and exposed to the sun at the same time 

the HVAC system was activated. Four evaporator fan speeds 

were tested for the mixed air condition of fresh and recirculated 

air. Figure 6 also refers to the vehicle at rest and tested at four 

evaporator fan speed options, however, the air supplied was only 

the recirculated air with an additional amount of 0.02 kg/s [13] 

due to air infiltration into the vehicle - naturally, as the cabin due 

to air infiltration into the vehicle - naturally, as the cabin interior 

pressure is lower than the exterior pressure. 

The vehicle was also tested at a speed of 20 km/h with four 

different fan speeds for the evaporator. Figure 7 refers to the test 

where the air supply was a mixture of fresh and recirculated air. 

Figure 8 shows the results for the case where the air supply was 

only recirculated air with an additional amount of 0.02 kg/s [13] 

due to natural air infiltration through the gaps in the cabin. 

As can be seen in the experimental data provided in 

Figs. 58, there is a slight increase in temperature initially after 

the HVAC is turned on before it starts to decrease. This occurs 

because the air being blown initially carries thermal energy 

stored due to the heating of the body and mechanical compo-

nents of the system. The thermal model is unable to predict this 

Table 3. MARD and Pearson coefficient.  

Exp. Pearson coeff. [%] MARD [%] 

1 99.20 1.05 

2 99.21 2.15 

3 98.81 4.83 

4 90.77 2.71 

5 96.03 10.05 

6 97.07 7.90 

7 98.40 12.60 

8 96.79 17.73 

9 93.85 6.05 

10 81.51 4.12 

11 87.78 4.18 

12 79.29 5.96 

13 95.93 6.68 

14 95.16 5.44 

15 94.35 7.63 

16 81.66 3.65 

 

 

Fig. 5. Change of temperature of the vehicle cabin interior - compari-

son between model and experimental data: experiments 1 to 4. 

 

Fig. 6. Change of temperature of the vehicle cabin interior - compari-

son between model and experimental data: experiments 5 to 8. 

 

Fig. 7. Change of temperature of the vehicle cabin interior - compari-

son between model and experimental data: experiments 9 to 12. 

 

Fig. 8. Change of temperature of the vehicle cabin interior - compari-

son between model and experimental data: experiments 13 to 16. 
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transient behavior for the initial few seconds of HVAC opera-

tion as it does not account for the energy stored in the stationary 

air within the ducts.  

Regarding the transient regime, the time constant of the tem-

perature curve slope is strongly influenced by the mass of the 

system being conditioned. In this sense, both the mass of the air 

and the mass of the seats interfere with how the thermal curve 

slope is constructed in the transient region. Determining the ex-

act mass is a difficult task and varies considerably from vehicle 

to vehicle. In this work, the internal mass of the cabin was esti-

mated to be 60 kg. 

As regards the proposed formulation to calculate the temper-

ature at the evaporator outlet (Eq. (25)), a linear temperature 

drop was considered based on physical parameters such as tem-

perature, flow rate, pressure, and relative and absolute humidity. 

However, in real systems, the temperature drop between the in-

let and outlet of the evaporator occurs parabolically with tem-

perature curves very similar to the average temperature curves 

of the air inside the automotive cabin, as shown in the experi-

mental results. This obviously indicates the strong relationship 

between the temperature of the supplied air and the average tem-

perature of the automotive cabin. 

The developed model can predict the thermal variation in the 

cabin more efficiently when the vehicle is at rest and in the air 

recirculation mode - as can be observed in Fig. 5. When the air 

renewal mode is activated and/or the vehicle is in motion, 

changes in the heat exchange coefficient with the environment 

interfere with the accuracy of the model. 

Regarding the temperatures of the surfaces inside the auto-

motive cabin, they are higher than the temperature of the air in-

side the cabin. Therefore, it is not possible to use them as a pa-

rameter to calculate the average temperature of the air inside the 

cabin. While the air temperature continues to drop from the start 

of the HVAC operation to the steady state, the surface tempera-

tures increase and remain at a much higher level than the air 

temperature inside the cabin. As a result, the average of the tem-

peratures provided by the surfaces or even the radiant tempera-

ture does not correspond to the average temperature of the air 

inside the cabin. 

Figures 9 and 10 depict the nine thermal loads inside the 

cabin related to Eq. (1) for the stationary vehicle and the one 

moving at 20 km/h, respectively. For the simulation, the same 

mass flow rate of inflow air and the same percentage of fresh air 

were considered. It is observed that the car's motion modifies the 

heat exchange coefficient described by Eq. (11), increasing the 

percentage of environmental thermal load. The ventilation ther-

mal load varied slightly when changing from 0 to 20 km/h, given 

that the low-speed variation did not account for changes in the 

mass flow rate of inflow air. The primary thermal load to be ad-

dressed by the HVAC system is the direct radiation thermal load. 

5. Conclusions 

The thermal modeling of automotive cabins is difficult due to 

the different characteristics of each vehicle and, also, the envi-

ronment in which it is located. Factors such as internal air mass, 

and the mass of seats and internal components of the cabin can 

alter the slope of the temperature curve during the transient pe-

riod when compared to experimental data. In addition to this, the 

thicknesses of the bodywork, construction materials, and even 

the colors of the vehicles can alter the heat transfer coefficients 

and consequently bring uncertainties to the model. This justifies 

the trend found in the literature of many authors using modeling 

via finite volume technique. 

Among the results, it was found that increasing the inflow 

rate and vehicle speed tends to decrease the model's suitability 

to the experimental data. However, even considering this, the 

model presented a maximum average relative deviation 

(MARD) of 17.73%. As for other studies found in the literature 

regarding thermal modeling of the automotive cabin, no pro-

posal was found for calculating the temperature at the evapora-

tor outlet. In this regard, most authors opted to directly measure 

this temperature using thermocouples. 

Regarding thermal distribution in the cabin, it was noticed 

that surface temperatures cannot be used to determine the aver-

age air temperature inside it. Through experimental observations 

and simulation, it was found that the highest thermal load acting 

on the cabin is the direct radiation thermal load. These conclu-

sions are in agreement with other research in the literature, such 

 

Fig. 9. Thermal loads for a stationary vehicle. 

 

Fig. 10. Thermal loads for vehicle moving with the velocity of 20 m/h. 
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as those presented in the works of Fayazbakhsh and Bahrami 

[13] and Khayyam et al. [8]. It is concluded that the thermal 

model proposed to determine the average temperature of the air 

inside the automotive cabin, when used, will present MARD be-

low 20%. However, the characteristics of each vehicle - such as 

the air mass and seats - can significantly affect the transient state 

if not correctly determined. 
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